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Abstract

Steady forced convection in periodically developed low Reynolds number (10 < Re < 1000) air (Pr = 0.7) flows in
three-dimensional wavy-plate-fin cores is considered. Constant property computational solutions are obtained using
finite-volume techniques for a non-orthogonal non-staggered grid. Results highlight the effects of wavy-fin density
on the velocity and temperature fields, isothermal Fanning friction factor f, and Colburn factor j. The fin waviness
is seen to induce the steady and spatially periodic growth and disruption of symmetric pairs of counter-rotating helical
vortices in the wall-trough regions of the flow cross-section. The thermal boundary layers on the fin surface are thereby
periodically interrupted, resulting in high local heat transfer near the recirculation zones. Increasing fin density, how-
ever, tends to dampen the recirculation and confine it. The extent of swirl increases with flow rate, when multiple pairs
of helical vortices are formed. This significantly enhances the overall heat transfer coefficient as well as the pressure drop
penalty, when compared to that in a straight channel of the same cross-section. The relative surface area compactness as
measured by the (j/f) performance or the area goodness factor nevertheless increases with fin density.
© 2004 Elsevier Ltd. All rights reserved.

1. Introduction

Forced convective heat transfer between gas and li-
quid streams is commonly encountered in heat exchang-
ers used in the automotive and climate control (heating,
cooling, air conditioning and refrigeration) applications.
Generally plate-fin type exchangers are used, where the
air- or gas-side convection coefficient is a small fraction
(5-20%) of that on the liquid side [1-3], thus constituting
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the controlling thermal resistance in the exchangers. Ex-
tended surfaces or fins in a variety of geometries are of-
ten used to mitigate this problem and enhance the heat
transfer. Besides increasing the effective surface area, en-
hanced-fin cores made up of offset-strip fins, louvered
fins, perorated fins, and corrugated or wavy fins, among
others, also improve the heat transfer coefficient by
altering the flow field [1-6]. Of these, wavy fins are par-
ticularly attractive for their simplicity of manufacture,
potential for enhanced thermal-hydraulic performance,
and ease of use in both plate-fin and tube-fin type
exchangers.

A typical wavy plate-fin core, formed by placing
wavy fins side-by-side and bonding them to a set of flat
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Nomenclature

A amplitude (m), and surface and/or cross-sec-
tional area (m?)

B dimensionless pressure gradient, Eq. (3b)

Br Brinkman number (=pu,/kAT)

cp specific heat (J/kgK)

dy hydraulic diameter (m)

f Fanning friction factor

J Colburn factor (=Nu/Re Pr'?)

H fin height (m)

H1 uniform heat flux with constant peripheral

wall temperature boundary condition
h heat transfer coefficient (W/m>K)
k thermal conductivity (W/mK)
L pitch of fin waviness (m)
m mass flow rate (kg/s)
Nu Nusselt number (=hd,/k)
Pr Prandtl number (=puc,/k)
P pressure (Pa)
P local pressure (Pa)

q wall heat flux (W/m?)

Reg Reynolds number based on fin spacing
(=Sup/v)

Re Reynolds number based on hydraulic diam-

eter (=dpum/v)
fin spacing (m)
temperature (K)
uniform  wall
condition

U, V, W dimensionless velocity components

=~

temperature  boundary

u, v, w Xx-, y-, and z-velocity components (m/s)
X, y, z Cartesian coordinates

Greek symbols

r dimensionless coefficient, Eq. (7a)
duct cross-section aspect ratio (=S/H)
global pressure gradient (Pa/m)
channel or fin spacing ratio (=S/24)
fin-plate waviness or corrugation ratio
(=24/L)

I dynamic viscosity (Pas or N's/m?)

0 dimensionless temperature

p density (kg/m®)

w geometrical parameter, Eq. (2b)

¢, n, L body-fitted coordinates

- o = R

Subscripts

c pertaining to cross-section area

b bulk value

H pertaining to the uniform heat flux bound-
ary condition

m mean or average value

pf plain fin or flat plate

s pertaining to surface area

T pertaining to the uniform wall temperature
boundary condition

w at wall conditions

wf wavy fin or wavy plate

plates, is illustrated in Fig. 1(a) and (b). The geometrical
features of the three-dimensional inter-fin flow channel
shown in Fig. 1(c) are described by the fin height H,
fin spacing S, amplitude of waviness A, and wavelength
or pitch of waviness L. The dimensionless representa-
tions of these variables are given by the fin-spacing ratio
(e = S§/2A4), flow cross-section aspect ratio (o« = S/H), and
corrugation or waviness aspect ratio (y = 2A4/L). For a
given fin height and waviness, ¢ and o also represent
the fin density (¢ and « decrease with increasing fin den-
sity but fixed 4 and H). It may further be noted that
while a sinusoidal profile for the fin waviness is depicted
and considered in this study, other shapes (triangular or
trapezoidal) are also possible [4].

A two-dimensional representation of the wavy-plate-
fin core as a parallel-corrugated-plate channel with heat
transfer at the wavy walls, which is an idealization of
and quite different from the three-dimensional model
of Fig. 1, has been considered in much of the earlier lit-
erature. Nevertheless, the results are instructive and the
flow behavior is found to be characterized by the gener-
ation of lateral swirl or fluid recirculation in the trough

(c) (d)

Fig. 1. Geometrical description of three-dimensional sinusoidal
wavy-plate-fin channel: (a) Typical wavy-plate-fin cross-flow
heat exchanger core, (b) enlarged view of a wavy-fin geometry,
(c) characteristic dimensions of a wavy-fin channel, and (d) flow
cross-section grid location markers along the axial length of
one-period duct module.
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regions of the wavy channels. The consequent periodic
thinning and disruption of the boundary layers produces
significant enhancement of heat and mass transfer [7—
20]. This body of literature has primarily addressed the
steady-state forced convective characteristics of wavy-
wall channels, albeit as a simplified model, in several dif-
ferent applications that include plate-fin exchangers [7—
12], tube-fin cores [13-15], blood oxygenators [16,17],
and gasketted plate-and-frame heat exchangers [18-20],
among others [21,22].

Asako and Faghri [7] have numerically investigated
two-dimensional steady laminar flow (100 < Re < 1000)
and heat transfer in plate channels with triangular-pro-
filed wall corrugations that are maintained at a uniform
temperature. Subsequently, triangular corrugations with
rounded corners were considered [8], and the consequent
change in heat transfer rates was found to depend on the
specific flow conditions, geometry, and performance con-
straints. The nature and convective influence of recircula-
tion cells that are formed in the troughs of sinusoidal wall
corrugations have also been explored in two previous
studies [12,20]. Zhang et al. [12] have numerical investi-
gated the effects of wall-corrugation aspect ratios
(0.125 <y <£0.5) and fin spacing ratios (0.1 < ¢< 3.0)
on the vortex structure and enhanced heat transfer for
flow rates with Re = 10-1000. Likewise, Metwally and
Manglik [20] have investigated two-dimensional periodi-
cally developed laminar flow and heat transfer in sinusoi-
dal wavy channels with fin spacing ratio ¢ =1, and
corrugation aspect ratios 0.25 <y < 1.0. As seen from
the results of these studies [7-10,12,20], the axial flow
gets separated downstream of the wall-corrugation peaks
and re-attaches upstream of the subsequent wall peak,
thereby encapsulating a lateral vortex in the trough re-
gion. The strength of recirculation and extent of its spa-
tial coverage increase with Re, y and &, leading to
substantially enhanced momentum and energy transport.

Steady-state laminar forced convection in the com-
plete three-dimensional flow geometry of the wavy-fin
cores has received scant attention in the literature. The
earliest experimental data, though rather limited, are
given in the classical Kays and London [2] sourcebook,
and little has since been done to supplement them [3-6].
Three-dimensional numerical simulations of laminar air
flow (100 < Re < 2000) heat transfer in sinusoidal wavy
flow channels that have a trapezoidal cross-section have
been carried out by Asako et al. [23]. Some results with
channel spacing ratios of ¢ = 0.25 and 0.5 have been ob-
tained that show helical flow recirculation and local mix-
ing in the wavy-wall troughs. This work was extended by
Utriainen and Sundén [24] with a limited analysis of
cross-corrugated trapezoidal-profiled channels. Subse-
quently, they [25] have also considered wavy cores with
rounded-corner triangular profiles, and their computa-
tional results indicate enhanced thermal-hydraulic per-
formance due to helical secondary flow in each wall-

Table 1
List of geometrical attributes of four wavy-fin cores considered
in the computational simulations

Wavy-fin Cross-section Fin waviness Fin separation

core aspect ratio ratio y (=24/L) ratio ¢ (=S/2A4)
o (=S/H)

Case 1 0.968 0.2667 1.220

Case 2 0.637 0.2667 0.803

Case 3 0.373 0.2667 0.470

Case 4 0.240 0.2667 0.303

wave trough module. More complex three-dimensional,
cross-corrugated flow channels have also been computa-
tionally modeled in a few recent studies [26,27].

The design and application of rectangular sinusoidal
wavy-plate fins in compact heat exchangers requires a
more specific and detailed assessment of their thermal-
hydraulic performance, which is addressed in this paper.
Steady forced convection in air flow (Pr=10.7) in the
laminar or low Reynolds number regime (10 < Re <
1000) is computationally investigated. For the heating/
cooling of the flat surfaces (the wall interface between
two fluid streams in a plate-fin exchanger; Fig. lc),
two different thermal conditions are considered: (a) con-
stant wall temperature, which is typical of refrigerant-air
or liquid-air exchangers, and (b) constant wall heat flux,
which is normally encountered with equal heat capacity
air/gas-to-air/gas or liquid-to-liquid fluid streams. The
parametric effects of channel spacing ratio ¢ and cross-
section aspect ratio o, both of which are dictated by
the wavy-fin density for a fixed height, are delineated;
the four different cases considered in this study are listed
in Table 1. The character of helical swirl flow patterns
in a wavy-fin module and their influence on the heat
transfer are outlined, along with an evaluation of the
enhanced performance relative to straight rectangular
channels.

2. Mathematical formulations

For the coordinate system and fin-channel geometry
shown in Fig. 1(c) and 1(d), the computational model
considers a one-period-long sinusoidal wavy channel
with periodically developed flow conditions. For compu-
tational convenience, the following generalized dimen-
sionless body-fitted coordinates are applied to
transform the physical domain (x,y,z) onto a cuboidal
(¢,1,() domain:

¢=/S), n=I0/S)—(4/S)sin(2nS¢/L)],
{= (/) (1)
The laminar (10 < Re < 1000) air (Pr=0.7) flow

field is characterized by steady state, constant property
conditions, with negligible axial conduction (Pe > 1)
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and viscous dissipation (Br < 1). It may be noted here
that while some investigators [11,28] have contended
that steady-state conditions may not exist as
Re — 1000, several others [23-26] have considered stea-
dy flows in their three-dimensional computations. In
fact, such has been the case in many other instances
where convection is characterized be helical flows [29—
32]. Also, there is some empirical evidence [19,22,33] to
justify the steady-state assumption in the present analy-
sis, and the assessment of when instability sets in is be-
yond its scope.

In the computational (&,#,{) domain, the dimension-
less velocity components (U, V, W) are given by

U = (u/un), = [(v/tum) — 0U],
W= (w/uy) (2a)

where uy, is the mean axial velocity, and
w = (2nA/L) cos(2nSE/L) (2b)

Also, for periodically developed flows, the pressure field
can be decomposed into its two constituent parts and ex-
pressed as

" (x,,2) — px] (3a)

Here f is the constant global pressure gradient that
drives the axial flow and p* is the local pressure that
exhibits periodicity and the cause of local variations in
the flow field. Their respective dimensionless forms are

= (BS/puy), P =(p"/pity,) (3b)

With the flow channel walls subjected to (a) the uniform
wall temperature boundary condition, which typically
models the heat transfer condition in refrigerant-to-air
evaporators and condensers as well as in many liquid-
to-air recuperators, and (b) the uniform wall heat flux
condition to model gas/liquid-to-gas/liquid compact
exchangers, the respective dimensionless temperatures
can be defined as

p(x,y,z) =

0r(x.9.2) = {[T(x,3.2) — Tul/ITo(x) — Tul) (4a)
_ T(]CJ/,Z) = Trer d(T(x)b _ TW)/dé
Oulnynz) = { GSTE () - Tw>q;:S/kx]

(4b)

In this expression, T(x) is the local bulk or mixed-mean
temperature that is given by its usual definition

To(x) = [ [ [wreyaae [ [ \u\dydz} 5)

and the dimensionless 6t and 6y explicitly satisfy the
periodic boundary condition over the inlet and outlet
of the one-period computational flow domain.

With the introduction of these variables, the govern-
ing transport equations can thus be restated in dimen-

sionless forms, and the mass conservation equation
can be expressed as

ou ov ow
— =0 6
o + + ot (6)
Whereas the momentum and energy transport equations
can be written in the following generalized form:

9 09 o9

Uaet Va7t

¢ o ¢
,r6—52+(1+ )©2+ac + Sy (7a)
Here ¢ = U, V, W, and 0 for the three dimensionless
velocity components and temperature, respectively,
and I' = (1/Res) for the momentum equations, and [1/
(RegPr)] for the energy equation. Also, the respective
source terms Sy, are expressed as follows:

o __1]a au+gau
U™ T Res |02\ “on \ e

opP aP

s — L [2(,, ,0
YT T Res 106\ P ) T Yan \Be

+w@—(1+ )aP
ac on

+ L 2 aw aU a_U + Uaz_w
Reg o8 611 il
62

1[0/ ow o [or\] op
Sw=- Res{af(“’ )*“’&(a_é)} x 9
1 [a/ o o (00;
S()v]. = _R—esf’r |:a—é ((1)6—'/]) + CU& (E)}
2 (o0y  00; d(Ty — T,)/dé
+{Respr(a_5_(“an) UHTK To—Ty )

+RiTpr [ ( (T;b: Ti/d )

g ) 5 ()

Furthermore, U, V, W, and 0 in these equations explic-
itly satisfy the no-slip, thermal boundary (7T, = constant
or ¢, = constant), and periodicity conditions, where the
inlet—outlet periodicity in the one-module flow domain
(Fig. 1c) essentially requires that
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o,V W, 9)5:0 =¢U,v,w, 0);“:1 (8)

With the flow distribution given by the solution for
Egs. (6) and (7), the period-averaged isothermal Fan-
ning friction factor for the periodically developed condi-
tions is obtained from its usual definition as

[ = ~[(dp/dx)(dn/2pu;,)] = (Bdy/25) ©)

Also, the overall period-averaged Nusselt number is
computed from the energy balance over the one-period
flow domain, and the log-mean temperature difference
(AThy) as

_ I’th(Tb,ézl — Tb.g:())dh

Nu= kA, AT
oL -
—Gacfaieern|- [T a o
JO Tb - TW
where
ATy = (Tw — Toem1) — (Tw — T o) (10b)

In[(Ty — Toe1)/(Tw — The=o)]

The heat transfer results, however, are presented in
terms of the Colburn j factor (Nul/Re Pr'"®), in confor-
mity with the customary design and engineering practice
in the compact heat exchanger literature [2-4,6].

3. Numerical solution

To obtain numerical solutions, the governing differ-
ential equations were discretized using the finite-volume
method on a structured, non-orthogonal grid. The com-
putational mesh for the flow geometry is uniform in the
axial x or & direction, but non-uniform in the cross-sec-
tional plane, i.e., y or # and z or { directions. The latter
non-uniform mesh distribution is controlled by the fol-
lowing functions:

1 — tanh[p(1 — y,)
tanh(b)

1 — tanh[b(1 — y,)
tanh(b)

n=ay +(1-a
(11)
{(=ay,+(1-a)

Here y; and y, have a uniform distribution in the range
0< (y1,y2) <1, and the n- and {-distributions in the
range 0 < (n,{) <1 are controlled be the two constant
that were set as @ = 0.1, and b =2.0 in all simulations.
This ensures a denser mesh near the walls for properly
treating the high velocity and temperature gradients.
Both the diffusion and convection terms are treated by
the power-law scheme, ! and central differencing is ap-

! This obviates the need to track local Peclet number Pe, as
it is valid and accurate over the entire range of Pe that would be
encountered in the corrugated duct swirl flow regime, and is not
hampered by the narrow-range restrictions for upwind, central-
differencing, or hybrid schemes [34].

plied to the source terms. The SIMPLE algorithm [34]
evaluates the coupling between pressure and velocity.
Also, for the periodically developed flow condition as
treated by Patankar et al. [35] and others, the inlet—out-
let periodicity of the flow velocity components and tem-
perature is explicitly imposed over a single corrugation
module L in the stream-wise direction as given by Eq.
(8). The local bulk-mean temperature is obtained from
its general definition in Eq. (5), where the numerical
integration is performed by a second-order accurate
scheme. The mean velocity or flow Reynolds number
is an a priori input, and the pressure gradient deter-
mined iteratively to satisfy the momentum conservation
equations. More details of the computational methodol-
ogy using an in-house developed code and grid represen-
tation can be found in Ref. [21].

The grid selection was made after selective successive
grid refinement experiments, where the final mesh re-
sulted in less than 0.2% change in the computed values
of f'and j. For example, for the Case 1 (Table 1) wavy
fin channel with o =0.968, y=0.2667, and ¢=1.22,
and a flow rate of Re = 500, the f'and j simulation results
for five different mesh sizes are listed in Table 2, where it
can be seen that the relative error decreases with succes-
sive mesh refinement to <0.2%. Similar grid refinement
experiments were carried out for other cases as well. In
all computations, the convergence criteria were set such
that the residual was less that 107° for each of velocity,
pressure, and temperature. Further validation of numer-
ical results was obtained by comparing them with the
analytical solutions for straight rectangular channels
and one set of experimental data [33]. When the channel
amplitude A4 is set to zero, straight rectangular flow
channels are obtained, and their analytical results for
(fRe) and Nu can be found in Ref. [36]. For example,
in a straight rectangular duct of cross-section aspect
ratio o = 0.968 (Case 1, 4 — 0), the computed value of
(fRe) = 14.32 and Nu =2.961 were within 1% of the

Table 2

Effect of grid size on f'and j results in a typical wavy-fin channel
(Case 1) with o=10.968, y=0.2667, and ¢=1.220, for air
(Pr=0.7) flow rate of Re =500

Grid size Number of  Friction Colburn

(Exnx{) nodes factor f factor j

50x21x21 22,050 0.20392 0.02115

60x25x25 37,500 0.20896 0.02249 (+6.34%)*
(+2.47%)*

70x31x31 67,270 0.21079 0.02302 (+2.36%)
(+0.88%)

80x35x35 98,000 0.21164 0.02326 (+1.04%)
(+0.40%)

90x41x41 151,290 0.21197 0.02331 (+0.21%)
(+0.16%)

# Relative error based on the result of previous coarser mesh.
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Fig. 2. Comparison of computational results with experimental
water data [33] for a sinusoidal wavy channel with o = 0.453,
y=0.15, ¢ = 1.0, and uniform heat flux conditions.

exact analytical results [36] of 14.24 and 2.987, respec-
tively. Furthermore, the experimental f and j data re-
ported by Muley et al. [33] for water flows (Pr ~ 6.0)
in a sinusoidal wavy three-dimensional channel with
o =0.4533, y=0.15, and ¢ = 1.0, and uniform wall heat
flux (H1) conditions, were found to be in excellent agree-
ment with the computational results as clearly seen in
Fig. 2.

4. Results and discussion

Typical flow patterns at different axial locations in a
wavy-plate-fin channel module with o = 0.637, y = 0.267,
and ¢ = 0.803 (Case 2, Table 1) at Re = 250 are depicted
in Fig. 3. Axial iso-velocity contours and the character-
istic secondary velocity distributions in the channel
cross-section are presented. The latter is seen to consist
of symmetric pairs of counter-rotating vortices that are
clustered in a “heart-shaped” formation. Their influence
on the axial flow field is evident from the periodic dis-
placement of the accelerating core flow away from the
trough region recirculation, and the consequent sharper
wall gradients. For a given fin-waviness severity 7, how-
ever, the helical recirculation in the wall troughs is also a
function of the flow Reynolds number, and this is evi-

(a) (b)

Fig. 3. Velocity distributions in a wavy-fin (Case 2) channel
cross-section at different axial locations with Re = 250: (a) axial
velocity contours, and (b) secondary flow vectors.

dent from the secondary flow plots in Fig. 4 for
7 =0.267 and different Re. Mechanistically, a pair of
symmetric helical vortices develops in the valleys or
troughs of the wall corrugations as the axial flow sepa-
rates downstream of the wavy-wall surface peaks. With
increasing flow rates, the core flow acceleration breaks
up this recirculation into multiple pairs of counter-rotat-
ing vortices that dissipate at the subsequent upward
curving surface of the next wall peak. The development
and steady spatial growth of this swirl flow increases
with Re, resulting in greater momentum transport. Also,
as flow rates decrease or with very low Re(~10), viscous
forces tend to dominate thereby weakening swirl flows.

The impact of swirl flow on the temperature distribu-
tion for heat transfer in air flows (Pr = 0.7) in the plate-
fin geometry with o =0.637, y=0.267, and ¢=0.803
(Case 2; Table 1) is depicted in Fig. 5. Besides reflecting
the effects of the two fundamental thermal boundary
conditions (T and H1) on the wavy-fin-channel surface,
the local thinning of the thermal boundary layer with
sharp wall-temperature gradients, affected by the
trough-region helical swirl and core-flow acceleration
and its displacement towards the opposite wall, is clearly
evident. The enhanced convective heat transport, as the
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(a) (b)

Fig. 4. Variations in the velocity distribution with Re in a
wavy-fin (Case 2) channel cross-section at x = 0.25L: (a) axial
velocity contours, and (b) secondary flow vectors.

extent of swirl increases with Re in a fixed fin waviness
(y = 0.267) channel, is further seen from the increasingly
sharper wall gradients in the temperature distributions
graphed in Fig. 6. Furthermore, as would be expected
in confined forced convection with the two boundary
conditions, the uniformly heated (or cooled) surface
has relatively higher gradients in comparison with those
for an isothermal surface.

For a fixed fin height, the spacing ratio ¢ represents
the wavy-fin density and its effects on the velocity and
temperature fields are shown in Figs. 7 and 8. For a flow
rate with Re = 500, axial velocity contours, secondary
flow vectors, and isotherm plots in the flow cross-section
at the same axial location (x =0.25L) are presented.
With increasing fin spacing or decreasing fin density,
£=0.303 — 1.22, the spatial coverage and strength of
the counter-rotating vortices is seen to increase (Fig.
7), thereby resulting in considerable convective mixing
and enhanced heat and momentum transport. The sec-
ondary flow pattern in a large fin-spacing duct
(¢ =1.22 and 0.803), however, which consists of two
pairs of counter-rotating helical vortices in a heart-
shaped pattern, breaks up into three pairs of swirl as ¢
decreases (¢ =0.470). With higher fin density

x = 0.75L (b)

Fig. 5. Temperature distributions for air (Pr=0.7) flow
(Re=250) in a wavy-fin (Case 2) channel cross-section at
different axial locations with: (a) T, and (b) H1 boundary
conditions.

(¢ = 0.303) the spatial swirl coverage diminishes, and a
weak recirculation is confined to the side narrow corners
of the flow channel. The concomitant impact on the tem-
perature distributions with both the constant wall tem-
perature and heat flux conditions is depicted by the
isotherms graphed in Fig. 8 for Re =500, Pr=0.7,
and ¢ = 1.22 — 0.303. The transmutation of the thermal
field directly reflects the change in vortex structure with ¢
or fin density. Also evident is the effect of the two
boundary conditions, and, as would be expected, locally
sharper wall gradients are obtained with H1 condition in
comparison to that with T.

Computational results for the period-averaged iso-
thermal Fanning friction and Colburn factors, and their
variation with Re for the four cases listed in Table 1 are
presented in Fig. 9. The relative f'and j values for differ-
ent fin-spacing ¢ channels, normalized by their respective
straight duct results [36], are graphed. Besides the effects
of fin spacing or fin density in the wavy plate-fin core,
the onset and growth of surface-curvature induced swirl
flows when Re > 100 is clearly seen in the sharp slope
change of the f/~Re and j—Re curves. The increased swirl
at higher Re enhances the momentum and heat trans-
port, which increases with fin spacing (¢ =0.303 —
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Re =100

(a) Re = 600 (b)

Fig. 6. Variations in the air (Pr=0.7) flow temperature
distribution with Re in a wavy-fin (Case 2) channel cross-
section at x=0.25L with: (a) T, and (b) H1 boundary
conditions.

1.22); in the narrower channel with closer fin spacing,
viscous effects tend to dominate. With Re <100, the
channel cross-section aspect ratio o has a more signifi-
cant influence. In a straight rectangular ducts with fully
developed laminar flows, as the cross-section varies such
that « =1 — 0, the isothermal flow friction factor in-
creases as (fRe)=14.23 —24 and, for air flows
(Pr=0.7), the heat transfer coefficient increases as
(jRe)=3.35—8.49 with the T condition and
4.06 — 9.27 with H1 [36]. A similar behavior is seen in
the performance of wavy plate-fin channels at low Re,
though the corresponding f and j are greater (fwlfpr
and juljor > 1) because of the larger surface area and
effective flow length (or residence time). Also, a higher
thermal performance is obtained with H1 in comparison
to that with the T boundary condition.

Considering that both (jwljpr) and (fuelf,r) increase
with Re and ¢ in Fig. 9, it is essential to evaluate the rel-
ative enhancement due to the wavy-fin surface and the
changing fin density. One way of assessing this ther-
mal-hydraulic performance enhancement, among many
other criteria [1,2,4,36], is to consider the area goodness
factor [36] that can be modified to include flow cross-sec-
tion aspect ratio effects as follows:

£=0.470, 0 =0.373

=
£=0.303, a =0.240
(@) (b)

Fig. 7. Velocity field in the flow cross-section at x = 0.25L of
different wavy-fin channels with y =0.267 and Re = 500: (a)
axial velocity contours, and (b) secondary flow.

e = 1.220, o = 0.968

(a) £=0.303, ¢ = 0.240 (b)

Fig. 8. Temperature field in the flow cross-section at x = 0.25L
of different wavy-fin channels with y = 0.267 and Re = 500: (a)
T, and (b) H1 boundary conditions.
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Fig. 9. Thermal-hydraulic performance of wavy-plate fin cores:
(a) isothermal £, (b) j for T condition, and (c) j for H1 condition.

[G/F)at/ G/)) = | (NuPr~'2 [ fRe) o/ (NuPr~'7 [ fRe)
(12)

This criterion seeks to evaluate the free-flow area (and
hence the frontal area) requirements of a compact heat
exchanger, thereby quantifying the relative compactness
of the wavy-surface core. The results for this figure of
merit are graphed in Fig. 10, and the influences of Re
and ¢ for a fixed surface waviness (y = 0.267) and the
two thermal boundary conditions (T and H1) are clearly

0.8

0.7

0.6

0.5 o =0.968, € = 1.220

(jwf /jsf) | wf /fsf)

04 Y=0.267 —

B T boundary condition n
- mmeeeeee- H1 boundary condition 1

03 [ E [ R
10" 102 10°
Re

Fig. 10. Enhanced heat transfer performance based on the area
goodness factor for wavy-plate-fin cores with different fin
density.

evident. In low Re flows (Re ~ O[10]), low fin density or
larger ¢ provides slightly higher enhancement, whereas
with higher flow rates (Re > O[100]), or the swirl regime,
thermal-hydraulic performance increases with higher fin
density (smaller ¢). The trade-off between the frictional
loss penalty and increased heat transfer coefficients in
the swirl regime is seen to provide optimal enhancement
with higher density of wavy fins of a given height and
waviness, thereby providing greater compactness in
wavy-fin heat/mass exchanger cores that are designed
for such operating conditions.

5. Conclusions

The computational results presented in this paper
provide a detailed understanding of the forced convec-
tion behavior in wavy plate-fin channels and the effects
of fin density in the steady low Reynolds number regime
for air flows (Pr = 0.7). The wavy-wall-surface produces
a secondary flow pattern that is made up of multiple
counter-rotating vortices in flow cross-section of the
trough region, and its magnitude and spatial coverage
increases with Re and ¢. The latter represents wavy-fin
density effects, and at low flow rates (Re < 100), viscous
forces tend to dominate and somewhat suppress or
diminish the extent of swirl. Whereas at high Re
(>100), the multiple-pair counter-rotating helical swirl
promotes higher momentum and convective energy trans-
port. The temperature distributions in the wavy-fin
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channel, subjected to either the uniform wall tempera-
ture T or uniform wall heat flux H1 boundary condition,
correspondingly show a local thinning of the boundary
layers with sharper wall gradients; the thermal perfor-
mance with the H1 condition, however, is higher than
that with the T condition. Also, the cross-section aspect
ratio o and fin separation ¢ (« increases with ¢ for a fixed
fin height) appear to have competing effects on the ther-
mal-hydraulic performance, as measured by the surface
area goodness factor (j/f) or core compactness, and the
optimum dependent upon the flow regime. Nevertheless,
increasing fin density (or decreasing ¢) tends to promote
a relatively better (j/f) performance under swirl-flow
conditions and thus provide for a more compact wavy-
plate-fin heat exchanger core.
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